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ABSTRACT, KEYWORDS 

ABSTRACT 

This master’s thesis introduces cranktrain dynamics of the inline 6-cylinder diesel engine in 
order to design a crankshaft in CAD software Pro/Engineer. Follows a description of 
cranktrain vibrations and analytical calculation of its torsional vibration. Main part of the 
master’s thesis deals with conversion of the crankshaft to a finite element model in program 
ANSYS and its import to Adams/Engine interface. Further, a linear analysis is performed to 
obtain natural frequencies and inherent shapes of the cranktrain. At the end of the thesis the 
analytical approach solution and solution from multi-body system are compared.          

KEYWORDS 

inline 6-cylinder diesel engine, crankshaft, cranktrain, tuned rubber damper, linear analysis, 
modal properties, inherent shape, natural frequency, torsional vibration  

ABSTRAKT 

Tato diplomová práce uvádí dynamiku klikového mechanismu šestiválcového řadového 
motoru za účelem návrhu klikového hřídele v CAD programu Pro/Engineer. Následuje popis 
vibrací klikového mechanismu a analytický výpočet jeho torzních vibrací. Hlavní část 
diplomové práce se pak zabývá konverzí hřídele do konečno-prvkového modelu v programu 
ANSYS a jeho importem do prostředí Adams/Engine. V tom je provedena modální analýza 
klikového ústrojí pro získání vlastních frekvencí a tvarů. Na konec práce je porovnán výstup 
z analytického řešení a výsledky z multi-body systému.   

KLÍČOVÁ SLOVA 

řadový vznětový šestiválcový motor, klikový hřídel, tlumič torzních kmitů, modální analýza, 
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INTRODUCTION 

INTRODUCTION 
No component is ultimately rigid because every material behaves more or less rubberlike 
under load. Therefore, vibrations of the machine components occur everywhere and every 
time. Most of them are negligible, not dangerous at all and dim out rapidly. Sometimes are 
vibrations wanted and useful as by musical instruments. But some of them can cause 
discomfort or even fatal damage of the whole machine. 

By such a long and highly dynamically loaded component as an inline 6-cylinder diesel 
engine crankshaft is, vibrations cause massive additional stress and strain especially while the 
exciting frequency matches the natural frequency of the crankshaft.  

The objective of this master’s thesis is to inspect modal properties of a crankshaft intended for 
use in a new inline 6-cylinder Zetor diesel engine. To do so, the crankshaft itself must be 
designed first. In this stage programs MathCAD and Pro/Engineer are used. Next part of the 
thesis describes vibrations of the engine cranktrain and using an analytical approach 
calculates natural frequencies of the substitutional torsional system with a torsional damper. 
Although, the new crankshaft differs from the original crankshaft, the same torsional damper 
is used and eventually modified in case it does not suit the new crankshaft. 

The main part of the thesis concerns with conversion to finite element model and consequent 
import to the multi-body system Adams/Engine. For the conversion serves program ANSYS. 
After the crankshaft is imported to the Adams/Engine interface and built in the engine 
topology, a linear analysis is performed and natural frequencies obtained. At the end the 
results are evaluated and compared with analytical solution.             
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1 CRANKSHAFT 
The crankshaft as a component of internal combustion engines converts reciprocating 
movement of pistons caused by expanding gases into the rotation and transmits engine work 
output to external systems. It is positioned in an engine block and supported by main bearings 
usually placed after each crank throw. With the pistons is the crankshaft linked via connecting 
rods. Through a pulley or a gear on the front end are driven camshafts and accessories of the 
engine and on the rear end of the crankshaft is connected a flywheel which keeps the engine 
running smooth. 

Parts of a crankshaft constituting main bearings are called main journals. These are connected 
through webs to crank pin journals and counter weights. Although the counter weights 
increase overall weight of the shaft they significantly reduce vibrations of the engine and load 
in the main bearings. On the other hand weight can be decreased by various relieving, drilled 
holes or hollow journals. To provide a sufficient lubrication in bearings different types of oil 
feeds and channels are incorporated in design. 

The crankshaft is a highly stressed engine component which has to withstand all sorts of 
dynamic loads without a failure during the engine’s life cycle. This means that manufactures 
needs to ensure a precise fabrication and a thorough quality control. Usually crankshafts are 
made by forging but nowadays for less powerful engines casting proves to be suitable as well. 

          

1.1 GIVEN PARAMETERS OF ENGINE 

The diesel inline 6-cylinder Zetor engine originated from a smaller inline 4-cylinder engine 
only by adding 2 more cylinders. Therefore the main dimensions such as crank radius, bore or 
axial cylinder distance remain the same. This approach allows using parts from its ancestor to 
lower the research and manufacturing costs. The original 4-cylinder 16 valve turbocharged 
engine of the III unified series can exert power up to 135 bhp and is used in the Zetor Forterra 
tractors while the new 6-cylinder engine is supposed to be mounted in the Zetor Maxterra 
tractors with power up to 180 bhp with which the company intends to enlarge its product list.  

The basic cranktrain dimensions of the inline 6-cylinder engine are listed in Table 1. 

Fig. 1  Inline 6-cylinder engine crankshaft [11].
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Table 1 Inline 6-cylinder engine parameters  

Bore Diameter D [mm] 105 

Stroke Z [mm] 120 

Number of Cylinders ic [-] 6 

Engine Displacement V [cm3] 6234,5 

Compression Ratio εc [-] 17,8 

Nominal Speed nn [min-1] 2200 

Axial Cylinder Distance h [mm] 136 

Main Crank Pin Diameter / Length dmj / lmj [mm] 88 / 44 

Crank Pin Diameter / Length dcj / lcj [mm] 66 / 40 

      

 

1.2 CRANKTRAIN KINEMATIC ANALYSIS 

To analyze cranktrain dynamics is necessary to know basic kinematic variables as speed, 
acceleration and piston position. Their equations of the first two harmonic orders will be 
stated here without further explanation [1]. 

The piston position: 

= ∙ 1 − cos + 4 ∙ (1 − cos 2 ) [ ], (1) 

where:  r  [m]  crank radius,  
  α  [°] angle of crankshaft rotation, 
  λ  [-]  crank/rod ratio. 

The piston speed: 

= ∙ ∙ sin + 2 ∙ sin 2 		 [ ∙ ],  
(2) 

where:  ω  [s-1]  angular speed. 

The piston acceleration: = ∙ ∙ (cos + ∙ cos 2 ) [ ∙ ]. (3) 

 

All calculations and function courses are covered in Appendix 1.  
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1.3 CRANKTRAIN DYNAMIC ANALYSIS 

There are lots of different forces acting on the cranktrain of an internal combustion engine. 
The most significant force results from expanding gases in the cylinder and pushes on the 
piston crown moving the piston away from TDC (top dead center). Other forces are for 
example inertia forces from rotating and reciprocating components or friction forces 
generated by sliding parts and resistance in bearings.   

 

1.3.1 PRIMARY FORCE 

When the mixture inside the cylinder ignites, a rapid pressure rise pushes the piston away 
from TDC. This force is not constant and changes dramatically during the engine cycle. The 
best way to measure it is to read an indicated pressure inside the cylinder. While the new 
inline 6-cylinder engine uses the same cylinder unit as the inline 4-cylinder engine it is 
possible to use its indicated pressures. 

= ∙4 ∙ ( − )			[ ],			 (4) 

where:  p  [Pa]  indicated pressure, 
  patm  [Pa]  atmospheric pressure. 

The primary force Fp is balanced by its reaction force F’p acting on the cylinder head with the 
same magnitude but the exact opposite direction. Then the only force component transmitted 
to engine fittings is a normal component Fn. Pressure in the crankcase is assumed to be equal 
to atmospheric pressure patm. 

 

1.3.2 SECONDARY FORCES 

All parts of the cranktrain have its mass and as it moves, inertia forces occur. The piston 
assembly moving back and forth produces variable a reciprocating inertia force while crank 
throws and counter weights of the crankshaft generate constant rotating inertia forces – 
centrifugal forces. Mass of the connecting rod performing general motion is divided in two 
mass elements, first is added to mass of the reciprocating piston assembly, second to mass of 
the rotating crank throw. The crankshaft rotates with non-uniform angular speed but due to 
number of cylinders or a massive flywheel in one-cylinder engine, speed oscillations dim out 
and angular speed is assumed to be constant [2].  

The centrifugal force on the crank pin yields from: = ∙ ∙ 			[ ],			 (5) 

where:  mcrot  [kg]  con rod rotating mass component. 

The reciprocating inertia force is given by: = −( + ) ∙ 			[ ],  (6) 
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where:  mcrec  [kg]  con rod reciprocating mass component, 
  mpa  [kg]  weight of the piston assembly. 

 

1.3.3 FORCE ON CRANK PIN JOURNAL 

The complete force distributed via the connecting rod Fc to the crank pin journal can be 
formulated as [2]: 

= +cos 			[ ], 	 (7) 

where:  β  [°]  con rod declination angle.  sin = ∙ sin 				 (8) 

In place of the crank pin journal axis, the complete force transmitted through the con rod Fc 
breaks into two perpendicular forces. A radial component [1] = − ∙ cos( + )			[ ]			 (9) 

where the minus sign denotes a force heading towards the axis of rotation of the crankshaft 
and a tangential component [1]  = ∙ sin( + )			[ ].			 (10) 

To calculate complete radial force acting on the crank pin journal is necessary to add the 
rotating inertia force Fcent, = + 			[ ].			 (11) 

Figure 2 shows courses of the radial and tangential forces acting on the crank pin. 

Fig. 2   Radial and tangential forces on crank pin journal. 
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1.3.4 TORQUE 

As a reaction against the tangential force Ft another force F’t occurs in place of the main 
journal axis, this couple tends to rotate the crankshaft about its axis producing torque Mt = ∙ 			[ ∙ ].			 (12) 

Course of torque of the one-cylinder unit is shown in Figure 3. 

Due to a crankshaft configuration torques on the crank throws are phase shifted against each 
other, these phase differences are given by the firing order [1]. Usually, the inline 6-cylinder 
engines use the 1-5-3-6-2-4 firing order and the Zetor engines are not an exception. By a 
summing of torques from the individual cylinders is possible to determine torques on the main 
journals. Assuming energy input demanded by engine accessories is negligible then torque on 
the i-th main journal Mi

tmj yields from      

= 			[ ∙ ].			 (13) 

Likewise, torques on the individual crank pin journals Mi
tcj are obtained by summing of the 

previous cylinders’ torques plus half of torque from the respective cylinder. 

= + 12 ∙ 			[ ∙ ].  
(14) 

Gained torque curves serve for identifying the most loaded journals what is necessary for 
proper dimensioning, material choice and subsequent strength calculation of crankshaft parts. 
Generally, these journals have the highest torque amplitude.  

In this case the basic dimensions are given by the original 4-cylinder engine therefore no 
further calculations concerning crankshaft strength or fatigue will be done in this master’s 
thesis. However, the torque curve of one-cylinder unit is used to determine and analyze 
excitation forces.    

Fig. 3   Torque of one-cylinder unit.
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1.4 BALANCING 

As mentioned above, the vertical primary force is balanced by its reaction but the secondary 
forces are not and produce vibration of the engine inducing additional loads in the cranktrain 
and the engine block. This vibration spreads through engine fittings to the vehicle chassis and 
reduces passengers’ ride comfort.      

However, not in every case it is possible to balance all of the forces completely, despite that, 
at least minimizing their impact become an object for every designer. Determination of 
resulting forces and moments acting on the engine can be done analytically or graphically, for 
purpose of this master’s thesis the graphical method is used, however, analytical approach can 
be found in Appendix 2. 

 

1.4.1 CENTRIFUGAL FORCE BALANCE 

As the crank pin and con rod big-end masses rotate about the crankshaft axis the centrifugal 
force occurs. To cancel it, an equal opposite force must be applied. By one-cylinder engine 
this can be easily obtained by extending the crankpin webs to the other side of the crankshaft. 
By multi-cylinder engines is usually the same effect gained by the regular angular spacing of 
the crank throws, thus, the individual centrifugal forces eliminate themselves. If so, the 
crankshaft is thought as statically balanced [3].  

Centrifugal forces are constant what the magnitude concerns and points in the direction of 
crank web. If all the piston assemblies are identical then also the inertia forces are equal. 
Thus, an easy way to check the crankshaft balance is a projection of centrifugal forces’ 
vectors in a plane normal to the crankshaft axis and their graphical summing. In case of 
imbalance the resulting polygon would not be closed. In other words, a vector sum of the 
forces has to be a zero vector. 

As figure 5 indicates, regular angular spacing of the inline 6-cylinder engine ensures that 
occurring centrifugal forces are balanced. 

Fig. 4   Torque on the last main crank pin.
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1.4.2 RECIPROCATING INERTIA FORCE BALANCE 

Unlike the centrifugal force, the magnitude and direction of reciprocating inertia force, caused 
by parts of the cranktrain moving back and forth, varies during the crankshaft revolution 
accordingly to acceleration of the piston assembly, and acts only in the piston axis. If 
acceleration expanded into two harmonic orders, as above, the reciprocating inertia force 
composes of a primary and secondary component as well. From its nature, it is not possible to 
balance these forces simply by adding crankshaft counterweights.  

If necessary, the primary force may be reduced to half by adding counterweights on the 
crankshaft webs, but only by using a balancing shaft it can be completely neutralized. The 
secondary force has a relatively low impact but if needed two balance shafts rotating with two 
time higher velocity than the crankshaft have to be used.   

To examine resulting reciprocating inertia forces, a similar approach as by the centrifugal 
force may be used. Although the secondary force polygon needs to be constructed in a 
secondary crank scheme, a projection of the crankshaft with doubled angular spacing between 
the crank throws. 

The primary and secondary force polygons in figure 7 show that either the reciprocating 
inertia forces of the inline 6-cylinder engine are naturally eliminated.  

Fig. 5   Inline 6-cylinder crankshaft scheme

Fig. 6   Primary and secondary crank schemes
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1.4.3 MOMENT OF CENTRIFUGAL FORCES BALANCE 

Although the centrifugal inertia forces are balanced on the outside, they act in different planes 
producing rocking moments. This is called a dynamic imbalance. A statically balanced 
crankshaft can produce dynamic imbalance while rotating, but a dynamically balanced 
crankshaft will always be statically balanced [3].  

Similarly to the investigation of centrifugal forces balance, the moments of centrifugal forces 
are displayed in a plane normal to the crankshaft axis. In order to keep the effect of acting 
forces unchanged, it is necessary to assign to the vectors the proper magnitudes, which 
depend on the original force and distance between the point of action and the normal 
reference plane. Directions of vectors then depend if the original centrifugal force is placed in 
front or beyond of the reference plane.  

In an inline 6-cylinder engine, generated moments act in opposite sense and become 
neutralized. Cost of this effect is a significant rise in bearing loads as the crankshaft tends to 
bend along its length. A partial relieving is provided by one or two counterweights attached to 
the extended crank pin webs, thus, the rotating inertia forces are partially balanced. 

 

1.4.4 MOMENTS OF RECIPROCATING INERTIA FORCE BALANCE 

Similarly to the centrifugal forces, the primary and secondary reciprocating inertia forces act 
in spaced planes. However, rocking couples caused by the reciprocating forces vary as the 
crankshaft rotates, but their directions remain normal to plane of cylinders. This makes 
balancing of these couples very difficult.  

Fig. 7   Primary and secondary force polygons

Fig. 8    Moments of centrifugal forces balance
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Luckily, inline 6-cylinder engine appears to behave as two inline 3-cylinder engines put 
together, looking as mirrored about the middle plane. Occurring moments of the first three 
cylinders are counter-balanced by moments of the second three cylinders, and on the outside 
no rocking couple is transmitted to the crank case or the journal bearings. This is verified by 
the primary and secondary moment polygon depicted in figure 9. The internal bending 
couples are absorbed by the crankshaft itself.   

    

1.4.5 REACTION IN 4TH
 BEARING 

From previous text, the important inertia forces and couples of the crankshaft are naturally 
balanced, thus it may seem the crankshaft of inline 6-cylinder engine does not need to be 
counter-weighted at all. Nevertheless, it is a common practice to reduce the reaction in the 4th 
bearing. Size and number of the counterweights depends on space in the crankcase, on the 
other hand the increased moment of inertia should not excessively reduce frequency of free 
torsional vibration [4].    

Basically, there are two possibilities how to do this. First is a force balance and second a 
theoretically preferable balancing by a couple.  

In this case the approach of force balance is used. This enables a higher reaction reduction in 
the 4th bearing than the balancing by a couple. = 			[ ],			 (15) 

where:  R4  [N]  reaction in the 4th bearing, 
  Fro  [N]  centrifugal inertia force of the crank throw. 

Fig. 9    Primary and secondary moment polygon 

Fig. 10  Crankshaft force balance schema
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= − ∙ ∙ 			[ ],  (16) 

where:  R4cw  [N]  reaction in the 4th bearing after adding counterweights, 
  mcw  [kg]  counterweight, 
  ecw  [m]  eccentricity of counterweights. 

The percentage reduction yields from  

= 1 − ∙ 100			[%].			 (17) 

 

1.5 CRANKSHAFT DESIGN IN PRO/ENGINEER 

The fundamental 3D model of the crankshaft, a base for all the analyses, was designed in 
Pro/Engineer Wildfire 5.0, a parametric 3D CAD/CAE program created by PTC. Considering 
that most of the dimensions are taken from the inline 4-cylinder engine then modeling of the 
inline 6-cylinder engine crankshaft is more or less straightforward.  

The model of the crankshaft itself consists of 8 construction parts. To the 6 individual crank 
throws is added the front and rear end for connecting a pulley with a torsional damper, and a 
flywheel. The detailed model includes various relieving, radii and necessary oil feeds, 
afterwards from this model is possible to prepare final drawings of the crankshaft. The 
process of modeling a crank throw is denoted in figure 12. Hence no exotic function of 
Pro/Engineer has to be used, it is not necessary to describe steps in details. However, it is 
worth mentioning that the crankshaft design follows good engineering practices.   

When journal diameters, lengths, stroke or axial piston distance remain the same as by the 
inline 4-cylinder engine, only webs and counter weights need to be designed. These very parts 
influence the torsional stiffness of crankshaft by a great deal and in case of a larger inline 
engine, this could be an issue. According to [2] angular deviations of crankshaft’s free end 
should not exceed 2 degrees. That is why designers need to pay attention to web dimensions. 
Usually, elliptically shaped webs with width equal to 105 ÷ 130 % of main journal diameter 

Fig. 11   Process of modeling a crank throw in Pro/Engineer 
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and depth equal to 20 ÷ 25 % of the same diameter are used ensuring adequate torsional and 
bending stiffness. Considering forging as manufacturing method, technological drafts on not 
machined surfaces must be accommodated.     

Next problem is the overall weight of crankshaft. With higher weight the natural frequency 
descends which is not every time desirable. Through the various reliving of crank pins or 
main crank pins not only the weight can be reduced, but also the fatigue strength increased 
and distribution of bending stresses in lateral cross-section improved [2].      

Oil feeds, an important part of an engine oil management and distribution, consist of 
transverse holes in main crank pins and connecting channels in webs leading to spherical 
pockets in crank pins placed in spots with the minimum tangential stress. Although, orifices 
of the feeds are equipped with a countersink and/or a radius, undesired stress concentrations 
develop and it must be considered while performing a stress analysis of crankshaft. 

By the modal analysis, unlike the stress analysis, details do not particularly influence results. 
Therefore, in order to reduce solution time and data volume it is appropriate to prepare a 
simplified model without redundant features as well. By simplifying it is meant omitting the 
oil feeds or radii which contribute to stiffness of crankshaft by a negligible portion. The 
modified model for the modal analysis, however, should keep the same weight as the original 
detailed model to ensure, results are not affected by these modifications. 

Table 2   Weight comparison 

Crankshaft Type Weight [kg] 

Detailed Model 57,163 

Modified Model 57,586 

 

Figure 13 shows the crankshaft modified for purposes of the modal analysis and conversion to 
a finite element model. Notice especially the simplified web design, also oil feeds are missing 

Fig. 12   Model of the inline 6-cylinder engine crankshaft 



BRNO 2011 

 

21 
 

CRANKSHAFT 

and transitional radii of all the pins are replaced by chamfers. On the front end of the 
crankshaft is omitted the key slot as well as holes and the shaft shoulder on the rear end. 

While the connection functionality of ANSYS in version 12.1 and Pro/Engineer Wildfire 5.0 
allows an easy converting of 3D models, it is not necessary to export the final model of the 
crankshaft in to exchange formats as IGES or STEP.      

 

Fig. 13   Simplified crankshaft model



BRNO 2011 

 

22 
 

CRANKSHAFT VIBRATIONS 

2 CRANKSHAFT VIBRATIONS  
From nature of acting loads which vary in periodic cycles, and considering the crankshaft as a 
flexible component, it is obvious that vibrations encounter during the engine run. Vibrations 
in mechanical system are a frequent issue of component failures. Therefore engineers seek to 
minimize them, especially if they correspond with natural frequencies. Proper vibration 
management helps significantly enlarge lifetime of mechanical machines reduces danger of 
faults and improves the ride comfort as well.  

In case of the inline 6-cylinder engine crankshaft, a very long and highly dynamically loaded 
component prone to oscillations it is crucial to keep away excessive vibrations or even 
resonance which could be fatal. Basically, three types of crankshaft vibration are recognized: 
flexural, longitudinal and torsional.  

 

2.1 FLEXURAL VIBRATION 

This vibration occurs due to periodic forces acting perpendicular to the axis of crankshaft 
rotation. Nowadays, almost every engine is constructed with main crank pin bearing after 
each crank throw. Therefore, distance between two adjacent journals is relatively short 
resulting in high natural frequencies of flexural vibration which do not interfere with 
operational revolutions of the engine.  

However, flexural vibration is an issue by engines with a small number of cylinders, where 
mass of flywheel needs to be very high due to speed non-uniformity. The crankshaft 
periodically bends and center of gravity of the flywheel connected to the shaft circles about a 
theoretical axis of the crankshaft, while an axis of the flywheel describes general conic 
surface. Then moment of inertia forces tends to straighten the crankshaft or bend it even more. 
The bending moment varies during the cycle and leads to alternating rolling of material of the 
crankshaft. Impact of these elastic deformations depends on damping of deviations, and radius 
of circulation would become infinite if there is no damping. The varying loading has a 
significant impact on fatigue strength and at resonant frequency loads main bearings as well. 
Flexural vibration always interferes with torsional and to reduce these bounded oscillations 
can be used pendulous eliminators [2].   

Although, the inline 6-cylinder engine crankshaft is relatively long, the individual crank 
throws are short and danger from the flexural vibration negligible.       

 

Fig. 14   Flexural vibration
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2.2 LONGITUDINAL VIBRATION 

Periodic contractions and dilatations of a crankshaft induce additional stress and depend on 
damping in bearings. It is also influenced by accessories behind the flywheel. This type of 
vibration interferes with other two types and is particularly dangerous at resonant frequency. 

   

2.3 TORSIONAL VIBRATION 

The most dangerous type of vibration occurring in a crankshaft is the torsional vibration. 
Torque on crank throws caused by expanding gases in cylinders suddenly rises and twists the 
shaft. After it starts to fade the strained crank throw returns to its original shape but due to 
inertia of material mass of the crank throw twists in the opposite direction. Because of the 
internal damping, angular deviation of the each next twist drops until it completely fades 
away. This rapid twisting of the crank throws is transmitted to main crank journals and causes 
non-uniformity in engine speed.  

When frequency of excitation forces coincides with the natural frequency of the mass system, 
a resonance occurs followed by increased noise and engine vibration. This is called a critical 
speed of crankshaft. If the excitation forces are applied with this frequency, the amplitude of 
vibration increases until it destroys the shaft by a fatigue failure, or until speed moves away 
from its critical value [2]. This does not affect only crankshaft itself but also systems 
connected to it, for example a gearbox or a valve timing mechanism.         

Due to a wide speed range in which the engine needs to operate, it is not entirely possible to 
keep it clear from the critical speeds only by appropriate design of the crankshaft, meant by 
increasing the shaft stiffness or reliving of oscillating parts. However, by using various types 
of torsional dampers the critical speeds can be moved from the operational range. These 
dampers are connected to the crankshaft in place of the highest angular deviations, usually the 
free end of crankshaft. Modifications follow intention of changing the torsional system in 
order to get more preferable modal properties. Most of the torsional dampers work on a 
principle of consuming and dissipating vibratory energy and basically can be divided into 3 
types [3]: frictional, resonant and dynamic. 

The frictional dampers consume vibratory energy in form of friction torque and dissipate it as 
a heat. There are two types of the frictional dampers. The first is a viscous type, where the 
friction occurs in fluid, silicone oil, captured between a light sheet cover mounted on the 
crankshaft and a heavy inertia mass disc. The second is a solid type, which basically acts as a 
dry clutch, where the dry friction originates between inertia discs pressed together by springs. 
Their disadvantage is a relatively low damping [3]. 

Fig. 15    Longitudinal vibration



BRNO 2011 

 

24 
 

CRANKSHAFT VIBRATIONS 

The next type – a dynamic torsional damper – unlike the others does not consume vibratory 
energy, but neutralizes it by an additional pendulum. Thus, it is rather called eliminator, or 
converter of torsional vibration. The pendulum is connected to an oscillating shaft in way that 
a natural frequency of the pendulum matches a natural frequency of the torsional system. Big 
advantage of these dampers proves to be that the acceleration from centrifugal force is much 
higher than the gravity acceleration, therefore, only low inertia mass is needed to compensate 
torsional vibration of the whole engine. On the other hand an inaccuracy of the tuning of 
dynamic damper can be a disadvantage [2].  

The resonant dampers, also called tuned rubber torsional dampers, represent an additional 
torsional system connected to a crankshaft. They consist of two parts, a flange, bolted to a 
pulley on front end of crankshaft, and a heavy inertia ring bonded together with the flange by 
a vulcanized rubber band. If the front end is accelerated, the mass ring tends to lag behind 
creating shear stress in the rubber band. The movement is damped by elastic hysteresis losses 
in the rubber and heat rejection to the surroundings [3]. If necessary another inertia ring can 
be added – dual mass torsional damper. Rubber torsional dampers are efficient and easy to 
manufacture but their characteristics depends on temperature and age of the rubber. 

The inline 6-cylinder Zetor engine is equipped with a tuned rubber torsional damper (depicted 
in figure 16). Although, the crankshaft created within this master’s thesis is not identical with 
the crankshaft for which the torsional damper was calculated, the damper is used until it 
proves to be unsuitable, if so a new torsional damper has to be designed. Table 3 summarizes 
its known parameters.   

In order to calculate torsional vibrations analytically it is necessary to reduce the complex 
torsional system to a simplified equivalent crankshaft system.  

Fig. 16   Rubber torsional damper bolt on a pulley 
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Table 3   Parameters of the rubber torsional damper 

Moment of Inertia Idamp [g.m2] 85,38 

Mass Ring Weight mdamp [kg] 5,082 

Relative Loss γ [-] 0,09 

1st Inherent Frequency Ωdamp1 [Hz] 146,0 

2nd Inherent Frequency Ωdamp2 [Hz] 158,3 

 
 

2.3.1 EQUIVALENT CRANKSHAFT SYSTEM 

Due to number of variables influencing the oscillating torsional system, it is appropriate to 
replace the real system with a substitutional torsional system – the equivalent crankshaft 
system consisting of inertia discs connected by straight shafts. By the reduction it is presumed 
that [2]: 

• masses of the parts of the torsional system are constant, time independent 
• lengths of the parts of the torsional system are constant, time independent 
• masses of mechanisms are reduced to planes of cylinders normal to the crankshaft axis 
• reduced shaft is massless 

Diameter of the substitutional connecting shafts is usually set equal to diameter of the main 
crank journal. Their torsional stiffnesses depend on reduced lengths of the shafts and reduced 
masses of individual inertia discs are equal to sum of masses of rotating and reciprocating 
components. Thus, the equivalent crankshaft system should be energetically equal to the 
original torsional system.    

 

MASSES REDUCTION 

Primary objective by the reduction of a torsional system is to keep energetic equivalence 
between the original and the substitutional system. If kinetic energy Er of the two components 
rotating with the same angular speed must be equal, from its equation (17) it is obvious that 
these two objects need to have the same moment of inertia I. 

= 12 ∙ ∙ 			[ ]  
(18) 

Luckily for designers Pro/Engineer enables a very quick inspection of mass properties of parts 
or an assembly, Therefore, obtaining of inertia moments changes in matter of a few mouse 
clicks. However, if there is no 3D model available, analytical calculations or an experimental 
measuring has to be performed.  

The torsional system does not consist from crankshaft solely, but the connected piston 
assembly oscillates as well. Thus, moments of inertia of reciprocating and rotational masses 
of the piston assembly have to be added to the moments of inertia of the crank throws. 
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The moment of inertia of rotational mass Irot yields from = ∙ 			[ ∙ ],			 (19) 

and the moment of inertia of reciprocating mass Irec is given by [1] 

 = + ∙ + ∙ [ ∙ ].  (20) 

In order to simplify the calculation it is useful to divide mass of the connecting rod into two 
mass points as mentioned before. Mass of the piston assembly composes from masses of a 
piston, piston rings, a piston pin and secure rings. 

In a diagonal mass matrix the first moment of inertia I0 stands for a moment of inertia of the 
torsional damper Idamp: 

 = 			[ ∙ ].			 (21) 

The final inertia moment of the discs equals to sum of the inertia moments of the 
corresponding parts. Thus, the reduced inertia moment of the front end with a pulley I1 is: = _ + [ ∙ ],			 (22) 

where:  Iend_fr  [kg.m2] moment of inertia of the front end, 
  Ipull  [kg.m2] moment of inertia of the pulley. 

The crank throws are geometrically and energetically identical so calculations of inertia 
moments I2 … I7 are the same for all of them. The inertia moment of the crank throw Ithrow is 
possible to extract from the CAD model in Pro/Engineer as mentioned earlier, while the added 
inertia moments of rotational and reciprocating masses are obtained from the equations 19 and 
20 stated above.    = + + 			[ ∙ ],  (23) 

where:  i  [-]  number of the cylinder. 

Finally, the reduced inertia moment of the rear end with a flywheel I7 yields from  = _ + 	[ ∙ ],			 (24) 

where:  Iend_rr  [kg.m2] moment of inertia of the rear end, 
  Iflyw  [kg.m2] moment of inertia of the flywheel. 

I9 represents in further calculations the inertia moment of whole crankshaft with the flywheel 
and the torsional damper: 

= 			[ ∙ ].			 (25) 
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LENGTHS REDUCTION 

Similarly to the masses reduction, by the lengths reduction it is important to keep equivalence 
with the original torsional system. In this case, the substitutional shaft must have equivalent 
torsional stiffness instead of equivalent kinetic energy. This means that the twist angle of a 
new cylindrical shaft with the reduced diameter and the reduced length must be the same as 
by the original shaft under the equal torque [2]. 

To get the wanted torsional stiffness it is necessary to calculate reduced lengths of the 
individual crank elements first. For example, the reduced length of the cylindrical shaft lred is 
given by [2]         

= ∙ _ = ∙ 			[ ],  
(26) 

where:  l [m]   length of shaft, 
  Ip_red [kg.m2] moment of inertia of the reduced cross-section, 
  Dred [m]   diameter of the reduced shaft, 
  Ic [kg.m2] moment of inertia of cross-section, 
  Ds [m]   diameter of shaft. 

Calculation of the reduced length of the crank throw is more advanced and equations used by 
different authors (Carter, Geiger …) give different results. For very stiff and medium stiff 
crankshafts due to stiff webs it is suitable to use the Föppl-Geiger formula, therefore reduced 
length of the crank throw lthrow_red yields from [2] 

_ = + ∙ − + 0,7 ∙ ∙ ∙ +∙ + 

+2,36 ∙ ∙ ∙ ∙ [ ],  

(27) 

where:  lmj [m]   length of main crank pin, 
  lcj [m]   length of crank pin, 
  dmj [m]   diameter of main crank pin, 
  dcj [m]   diameter of crank pin, 
  drel [m]   diameter of relieving hole, 
  lweb [m]   length of web, 
  bweb [m]   width of web, 
  Gm [Pa]   shear modulus, 
  Em [Pa]   Young’s modulus. 

The reduced length between the first two inertia discs at front of the crankshaft lend_fr_red is 

_ _ = ∙ + 2 + _2 [ ],  
(28) 

where:  lpull [m]   length of the pulley pin, 
  dpull [m]   diameter of the pulley pin. 
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And the reduced length between last two inertia discs at rear of the crankshaft lend_rr_red is 
given by 

_ _ = ∙ + 2 + _2 [ ],  
(29) 

where:  lflyw [m]   length of the flywheel flange, 
  dflyw [m]   diameter of the bolt circle on the flange. 

The reduced lengths now enable calculation of the torsional stiffness of the individual 
crankshaft elements c1 … c8 [2] 

= ∙ 			[ ∙ ∙ ],			 (30) 

where:  k [-]   number of the connecting shaft, 
  lk [m]   length of the respective shaft element, 
  Ip [m4]   polar moment of inertia of the reduced shaft. 

The first value of the diagonal stiffness matrix is reserved for a damper stiffness given by [7] = ∙ Ω 			[ ∙ ∙ ].  (31) 

While the polar moment of inertia of the reduced shaft Ip equals to 

= ∙32 			[ ].			 (32) 

 

2.3.2 FREE TORSIONAL VIBRATION 

Free torsional vibration is a harmonic motion initialized by a torque impulse and continues 
without its further action. In case there is no damping at all this motion would run without end 
but in the real world the damping is always present, thus, this harmonic motion eventually 
dies out. Each torsional system has its own free torsional vibration what depends on 
properties such as inertia moments of the discs, torsional stiffness and reduced lengths of the 
connecting elements. Amplitude of twists differs in points longwise of the system, in some of 
them, even does not proceed. These points are called nodes of vibration. Usually the 
crankshaft systems involve a relatively heavy flywheel causing that the largest angular 
deflections occurs at the furthest point away from the flywheel – a free end of crankshaft. The 
node with no torsional deflection is then placed in short distance in front of the flywheel.   

Especially important is knowledge of natural (critical) frequencies with which the system 
oscillates. With frequency of the periodically acting torque impulses equal to the natural 
frequency of torsional system, resonance occur causing increased amplitudes of the torsional 
movement leading to excessive dynamic loads within the cranktrain and eventually to the 
engine failure. In praxis are the most dangerous the slowest vibrations with one or two nodes 
on the elastic line. With more nodes the inherent frequencies rise making impossible to excite 
vibrations by forces from gases expanding in cylinders [2].  
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Assuming the vibration is free, undamped and without acting external forces, it is possible to 
use a modified Lagrange equation to calculate the torsional vibration.  ∙ + ∙ = ,	  (33) 

where M represents a diagonal mass matrix 

=
I 0 0 0 0 0 0 0 0 00 I 0 0 0 0 0 0 0 00 0 I 0 0 0 0 0 0 00 0 0 I 0 0 0 0 0 00 0 0 0 I 0 0 0 0 00 0 0 0 0 I 0 0 0 00 0 0 0 0 0 I 0 0 00 0 0 0 0 0 0 I 0 00 0 0 0 0 0 0 0 I 00 0 0 0 0 0 0 0 0 I

,			 
(34) 

and C a diagonal stiffness matrix [2] 

=
c −c 0 0 0 … 0 0−c c + c −c 0 0 … 0 00 −c c + c −c 0 … 0 00 0 −c c + c −c … 0 00 0 0 −c c + c … 0 0… … … … … … −c 00 0 0 0 0 −c c + c −c0 0 0 0 0 0 −c c

.			 
(35) 

 = ∙ 			 (36) 

q is the generalized set of coordinates, where w stands for eigenvector of a symmetric matrix 
and Ω for free angular speed. After derivation and using in equation (30) yields  ( − ∙ ) ∙ = 			 (37) 

Converting this into eigenvalues problem yields ( − ∙ ) ∙ = , 	 (38) 

where A represents modal matrixes = ∙ 	,		 (39) 

χ is eigenvalue = 			 (40) 

and I is the identity matrix, square matrix with ones on the main diagonal and zeros 
elsewhere. 
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By solving equation (35) are obtained the eigenvectors with their respective angular speeds. 
Hence values of the eigenvectors depend on the initial torque impulse it is useful to establish 
the first value of the vector as unit and other values as its multiple, ai is then relative 
amplitude: = 			[−].			 (41) 

At the end from the free angular speeds Ωj are evaluated the natural frequencies of the 
torsional vibrations Nj: 

 = ∙ 			[ ].			 (42) 

Table 4  Frequencies of inherent oscillation with torsional damper 

1-node oscillation N1 Hz 200,9 

2-node oscillation N2 Hz 313,9 

 

In table 4 can be seen the first two natural frequencies of the torsional system with the 
torsional damper. Complete calculation process is covered in Appendix 4. A calculation of the 
torsional system without a torsional damper can be found in Appendix 3.    

 

 

Fig. 17  Shapes of inherent vibration
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2.3.3 FORCED TORSIONAL VIBRATION 

During the engine run is the crankshaft excited by a variable and periodical torque impulse. 
Thus, instead of free vibration, which would die out after a while, occurs in the crank train a 
forced torsional vibration.     

 

HARMONIC ANALYSIS OF TORQUE CURVE 

Torque on the individual crank throws comes up from the tangential forces generated by 
expanding gases inside the cylinders and by inertia forces, see the torque curve in figure 3. To 
analyze this complex torque curves an approximation by the Fourier series is used. 

Fourier series arose during the eighteenth century as a formal solution to the classic wave 
equation. Later on, it was used to describe physical processes in which events recur in a 
regular pattern. Fourier’s theorem provides the mathematical language which allows us to 
precisely describe complex structures [6].  

= 2 ∙ ∙ ∙( ∙ ∙ ∙ ) 			[ ∙ ],  
(43) 

where:  Ma [N.m]   torque amplitude of the k-th harmonic component, 
  ns [-]   number of discrete samples , 
  Mti [N.m]   discrete torque value of the i-th sample, 
  j [-]   imaginary unit. 

According number of periods of the harmonic component occurring during one revolution it 
is recognized its order κ. The period of excitation in the 4-stroke engine is 2 revolutions 
(720°, 4π) unlike 1 revolution in the 2-stroke engine therefore order of the harmonic 
component is given by 

= 2					[−] (44) 

where:  k [-]   integer number, k = 1, 2, 3 … 

It is worth mentioning that not all of the harmonic orders are equally dangerous. Especially on 
those where the harmonic orders have synchronous courses must be paid attention, because 
here the maximum resonance occurs. By the inline 6-cylinder engine with uniform firing 
angles are the main harmonic orders κm given by a multiple of number of the cylinders 
divided by 2, because of the 4-stroke cycle of the engine.  

= ∙2 					[−] (45) 

where:  ic [-]   number of cylinders 

In the figure below can be seen the harmonic analysis of the torque curve approximated by the 
Fourier series. 
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Fig. 18   Amplitude-Frequency analysis 

 

CRITICAL SPEEDS - RESONANCE 

Each harmonic component of the excitation torque independently on others components 
causes forced torsional vibration on the same frequency as the component itself and its 
magnitude is a multiple of the harmonic order and the engine speed. Thus, the engine has 
several critical (resonance) speeds where the harmonic component induces forced torsional 
vibration on frequency corresponding to the natural frequency of 1 and 2-node vibration [7].  

The critical speeds of 1-node vibration n1res are:   

= 					[ ] (46) 

and similarly the critical speeds of 2-node vibration n2res are:   

= 					[ ]. (47) 

According to results of analytical solution noted in table 5, the operational speed range 
interferes with the harmonic components of orders 5,5 to 12 of the first natural frequency and 
with the harmonic components of orders 8 to 12 of the second natural frequency. That means, 
with the operational speed range also coincide the dangerous harmonic components of the 
main orders, the 6th, 9th and 12th order harmonic components of the first natural frequency and 
the 9th and 12th order harmonic components of the second natural frequency. As mentioned 
earlier, especially to these must be paid attention.      
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Table 5   Critical speeds of the cranktrain 

Order of Harmonic 
Component 

1-node Oscillation 2-nodes Oscillation 

κ [-] n1res [min-1] n2res [min-1] 

0,5 24106 37672 

1 12053 18836 

1,5 8035 12557 

2 6027 9418 

2,5 4821 7534 

3 4018 6279 

3,5 3444 5382 

4 3013 4709 

4,5 2678 4186 

5 2411 3767 

5,5 2191 3425 

6 2009 3139 

6,5 1854 2898 

7 1722 2691 

7,5 1607 2511 

8 1507 2354 

8,5 1418 2216 

9 1339 2093 

9,5 1269 1983 

10 1205 1884 

10,5 1148 1794 

11 1096 1712 

11,5 1048 1638 

12 1004 1570 
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RESONANCE YIELD 

In case that the resonance occurs, a shape of the crankshaft deformation is similar to a 
deformation shape by free torsional vibration. Angular deviations of the individual 
components of the torsional system are given by condition that work of the harmonic 
components of the torque impulse equals to work of damping forces. Excitation moments 
have the same amplitude but are phase shifted and the shift ψ changes with the harmonic 
order of the component [5]. The shift ψ is given by  = ∙ 		[°],			 (48) 

where:  δ [°]   angle of crankshaft rotation between the firings. 

Unlike the excitation moments, the angular deviations are phase synchronous, but their 
amplitudes differ. The intensity of resonance εk is given by a vector sum of the relative 
amplitudes ai: 

= ∙ sin + ∙ cos [−].  

(49) 

Intensity of resonance of 2-node vibration is then calculated similarly to the intensity of 
resonance of 1-node vibration described above.  

While the resonance yield of the 1st natural frequency does not exceeds 0,2; the resonance 
yield of the 2nd natural frequency reaches up to 4,5. Both curves are depicted in figure 19.  

     

Fig. 19   Resonance yield of natural frequencies
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ANGULAR DEVIATIONS 

Magnitude of the angular deviations of the crankshaft’s free end by the critical speed is given 
by the damping properties of the crankshaft material and design what is described by a 
damping resistance ξ. Naturally, properties of the torsional damper influence the deviations by 
a great deal. In this case the engine is equipped with a tuned rubber damper with its inherent 
frequency Ωd, moment of inertia of the mass ring Id and relative loss γ from which it is 
possible to determine coefficient of damping resistance of the torsional damper ξdamp [7] = 2 ∙ ∙ Ω ∙ 					[ ∙ ∙ ∙ ],  (50) 

where:  γ [-]  relative loss, 
  Id [kg.m2] moment of inertia of the damper, 
  Ωd [rad.s-1] natural frequency of the damper.   

Amplitude of the angular deviation φ yields from [7]  

= 180 ∙ ∙Ω ∙ ∙ ∑ + ∙ ( − ) [°],  
(51) 

In this master’s thesis is used the value of the damping resistance ξ = 1,5 N.m.s.rad-1.  

Angular deviations of the 2-node vibration (of the 2nd natural frequency) can be obtained by 
analogical approach.  

Angular deviations of the 1st natural frequency are small while angular deviations of the 2nd 
natural frequencies raise concerns.  

 

Fig. 20   Angular deviations of the free end in resonance 
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ADDITIONAL TORSIONAL STRESS  

The torsional vibration causes the highest loadings in the crank train and on the crankshaft 
itself. In fact the torsional vibrations are the most common issue of the crankshaft failure. 
From this point of view is appropriate to check the crankshaft especially for this kind of 
dangerous behavior.  

From the elastic line is obvious that the highest twist angle is located in a node of vibration. 
The relative twist angle Δai yields from  ∆ = − 		[−],			 (52) 

and fluctuating torque in the respective section Msi is given by = ∙ ∆ ∙ 		[ ∙ ].			 (53) 

As an inspected section was chosen the section where occurs the node of oscillation. Here is 
supposed to be the highest twist angle between the crank throws. By the 2-node oscillation it 
is needed to compare the two sections with the nodes and to find one with higher twist angle. 

Eventually additional torsional stress in resonance τk yields from      

= 			[ ],		  (54) 

where Wτcj stands for section modulus of crank pin in torsion 

= ∙16 			[ ].		 (55) 

Table 6 compares the additional stresses in both the crankshaft with and without a tuned 
rubber damper. 

Table 6   Additional stresses in the crankshaft 

Cranktrain Type 1-node Oscillation 2-nodes Oscillation 

With Damper 0,003 MPa 25,3 MPa 

Without Damper 231,5 MPa 56,0 MPa 

 

As it can be seen in table 6, using of the torsional damper by the inline 6-cylinder engine is 
crucial and omitting of the damper leads to a crankshaft failure.  

According to values of the additional stresses in the crankshaft, the torsional damper proves to 
be more than suitable and no changes in its design has to be made even if the new crankshaft 
is not identical to the original one. Apparently, their modal properties are similar. 
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3 FE MODEL IN ANSYS 
To import a flexible component to the multi-body system ADAMS, foremost a conversion of 
the solid model from CAD systems in a finite element model (FEM) has to be performed, 
then interface points need to be created and after a reduction of degrees of freedom, a 
transferable model is obtained. In this master’s thesis is be for the preparation of the 
crankshaft model used software ANSYS in release 12.1, which is commonly used and taught 
at the Institute of Automotive Engineering. 

The software ANSYS is a complex tool for computer aided engineering (CAE) and in its 
latest releases it enables whole range of analyses (although the “UNDO” button is still 
missing). The connection functionality with software like Pro/Engineer, Catia or Parasolid 
makes from ANSYS a decent meshing tool used for various objects of interest not only at our 
university.  

In this case the work process in ANSYS begins with an import of the geometry from CAD 
software. Then elements types and material properties are defined, follows dividing of the 
model into smaller parts more suitable for mapped meshing, and consequently meshing of the 
parts itself is processed. In this point the first modal analysis is performed. Afterwards, the 
interface points are created and constrained to the finite element model. At the end the second 
comparative analysis is performed and the model is ready for the reduction of degrees of 
freedom, and for the export to a modal neutral file.       

 

3.1 IMPORT FROM PRO/ENGINEER 

As stated above the connection functionality of the ANSYS environment enables quick and 
user-friendly importing of models from Pro/Engineer. The only choice which user has to 
decide during this process is whether or not he wants to allow defeaturing of the model. If not 
the model is stored as neutral database model which restricts defeaturing after the import. 
Figure 21 shows the crankshaft imported to the ANSYS environment [8].  

  

 

 

 

 

 

 

 

 
Fig. 21   Crankshaft imported to ANSYS
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3.2 ELEMENT TYPE DEFINITION 

One of the basic steps of work in ANSYS is definition of element types and precedes all 
further meshing operations. The element library consists of more than 100 types which differ 
in number of nodes, degrees of freedom, available real constants or key options. Although the 
basic properties may seem very similar, it is important to select the right type for intended 
application. For the inspected crankshaft must be chosen types suitable for meshing of the 
crank journals, both crank ends, webs and also some auxiliary types for example to constrain 
the interface points. All the chosen element types will be described below in more detail. 

  

3.2.1 MESH200 

This “mesh-only” element contributes nothing to the solution and it may be used in 
conjunction with any other ANSYS element types. When no longer needed it can be deleted 
or left in place. Also it can be changed into other element type using command EMODIF. The 
element is defined by two to twenty nodes and it has no degrees of freedom, material 
properties, real constants or loadings [8].  

Intended application of MESH200 in this thesis is a pre-meshing of cylindrical surfaces such 
as main crank pins or crank pins, thus, the best choice is to set shape of the element to 3-D 
quadrilateral with 4 nodes.  

 

3.2.2 SOLID186 

SOLID186 is a higher order 3-D solid element defined by 20 nodes having three degrees of 
freedom in each of them. It supports plasticity, hyperelasticity, creep and many more. 
Basically it is available in two forms: as homogenous structural solid and as layered structural 
solid. Thanks to possibility of degeneration in to tetrahedral, pyramid or prism shape the 
element suits well to modeling irregular meshes such as those produced by various CAD 
systems. Its only special feature is stress stiffening [8]. 

SOLID186 will be used for meshing cylindrical parts by function sweep. It would be possible 
to use it for a free meshing of the crank webs as well but according to the ANSYS Help the 
degeneration to pyramid shape should be used with caution, therefore for free meshing the 
SOLID187 element is be selected. There are also a few restrictions and assumptions regarding 
SOLID186. The element must not have a zero volume also it may not be twisted such that the 
element has two separate volumes. Also an edge without a midside node implies that the 
displacement varies linearly rather than parabolically, along the edge [8].     

Fig. 22   MESH200 element [8]



BRNO 2011 

 

39 
 

FE MODEL IN ANSYS 

 

3.2.3 SOLID187 

As stated above instead of degenerated SOLID186, it is more suitable to use for a free 
meshing of irregular models the SOLID187 element. As the ANSYS element reference says it 
is a 10 node high order 3-D element with three degrees of freedom per node and very similar 
properties as SOLID186 [8]. This element suits perfectly for the meshing of crank webs 
which are fairly irregular parts of the crankshaft.  

 

3.2.4 MPC184 

This element differs radically from the two previous, it is rather constrain or kinematic joint 
between nodes. The constrain can be as simple as that of identical displacements or more 
complicated such as those modeling rigid parts, or those transmitting motion between flexible 
bodies [8].    

Currently there are several types of this element available, for example rigid link/beam, slider, 
slot joint, revolute joint, spherical joint and many more … For application in this thesis is 
used the rigid beam type which allows to transmit forces and moments. Because the element 
represents a rigid constrain, no material properties are required. 

Fig. 23   SOLID186 element [8]

Fig. 24   SOLID187 element [8]
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MPC184 will serve for attaching the interface points to the finite model instead of commonly 
used BEAM4 elements. Its advantage is the highest possible stiffness since it is rigid, and no 
moment of inertia since it has any mass. In order to distribute forces over an area rather than 
applying it to a single node, number of these constrains may be used.  

 

3.2.5 MASS21 

Due to using the constrains instead of the beam elements it is necessary mesh the interface 
points with a MASS21 element to ensure the six degrees of freedom of these points are 
preserved. It has negligible inertias therefore result of analysis will not be significantly 
influenced.  

The mass element is defined by a single node, concentrated mass components in the element 
coordinate directions, and rotary inertias about the element coordinate axis. The element also 
has no effect on the static analysis solution unless acceleration or rotation is present, or 
inertial relief is selected [8].    

       

3.3 MATERIAL PROPERTIES DEFINITION 

The only material properties which have to be defined are properties of the crankshaft 
material and will be assigned to the elements SOLID186 and SOLID187. The auxiliary 
elements such as MASS21, MPC184 or MESH200 do not bond with material definitions.  

Table 7   Material properties of the crankshaft material 

Density DENS t.mm3 7,85.10-9 

Young’s Modulus EX MPa 2,1.105 

Poisson Ratio PRXY - 0,3 

  

Fig. 25   MPC184 element [8]

Fig. 26   The element MASS21 [8]
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3.4 MESHING OF CRANKSHAFT MODEL 

The next step in the process of converting the crankshaft in to the finite element model is a 
meshing of the crankshaft parts using a mesh tool function. Before that it is useful to divide 
the imported crankshaft model into smaller and easily meshable parts. For purpose of the 
modal analysis the generated mesh does not have to be very fine, result differences when 
using a coarse or fine mesh are small but solution time and problem size differ heavily, 
however, very coarse mesh brings an inaccuracy in the calculations. Therefore, the goal of 
meshing of the crankshaft is a regular mesh with reasonably large elements.     

 

3.4.1 MODEL ADJUSTMENT  

The crankshaft is divided in to the individual parts in order to simplify the meshing. For 
example, the main crank pins and the front and rear end are cylindrical parts easily meshed by 
function sweep, but due to the relieving holes and irregular crank webs, the crank throws have 
to be meshed by the free method.  

Due to certain demands of the sweep method, the front and rear end are divided even into 
more separate elements. Eventually, the model of crankshaft prepared for meshing consists of 
34 individual volumes.    

 

3.4.2 MESH TOOL 

To get the regular mesh it is appropriate to pre-mesh the surface of crank journals by using 
MESH200, afterwards, the generated mesh will snap to these auxiliary elements. The size of 
element is set to 10 mm for the main crank pins and to 9 mm for the crank pins ensuring that 
the cylindrical surfaces are divided into four elements along its length. In figure 28 is shown 
how it looks like on one crank throw of the crankshaft.  

Next step is meshing of the main crank pin journals, the front and rear end themselves by 
function sweep. The type of element has to be set to SOLID186 and the size of element stays 
on 10 mm. Figure 29 shows a regular mesh of one of the journals.  

Last parts to mesh are the crank throws. The size of element does not change and stays on 
10 mm but the type of element has to be changed on SOLID187 and also instead of sweep 
function the free meshing method is used. Although, the mesh of the crank throws does not 
look as nice as the fairly regular mesh of the journals, the size of the elements seems suitable, 
moreover on the crank pins it keeps squarish pattern of the auxiliary MESH200 elements.       

Fig. 27   Divided crankshaft model
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As it can be seen below in figure 30, the resulting mesh meets the intent of creating a regular 
mesh with reasonably large elements, thus the generated mesh serves well for purposes of the 
modal analysis.  

 

Fig. 29   Meshed crankshaft 

Fig. 28   Auxiliary mesh of one of the crank throws 

Fig. 29   Mesh of a main crank pin and a complete crank throw 



BRNO 2011 

 

43 
 

FE MODEL IN ANSYS 

3.4.3 FINITE ELEMENT MODEL SUMMARY 

The relevance criterion of the mesh suitability and correctness can be the number of nodes 
and elements from which the finite model consists.  The fewer elements the model includes 
the shorter solution time, although, too less elements notify the solution is inaccurate and 
irrelevant. The finite element model summary in the table below only supports the earlier 
statement of propriety of the crankshaft finite model.        

Table 8   Finite element model summary 

Number of Nodes 92051 

Number of Elements 49544 

 
 

3.5 ADDING INTERFACE POINTS 

Because in ADAMS the forces can be applied only to interface points, it has to be considered, 
while building the finite element model, how to represent the interface points within the 
structure. The number of interface points determines the number of constraint modes for the 
model. Constrain modes are the static shapes assumed by the component when one degree of 
freedom of an interface points is given a unit deflection while holding all other interface 
degrees of freedom fixed. The number of constraint modes is equal to the number of degrees 
of freedom of all interface points [8]. 

While modeling interface points it has to be borne in mind that [8]: 

• each of the interface point must have six degrees of freedom (except for 2-D 
elements) 

• applied force should be distributed over an area rather than at a single 
• if in the structure does not exists a suitable node for the interface point, it must be 

created 

Fig. 30   Interface points attached to the structure 
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To attach the interface points to the finite element structure the MPC184 constraint elements 
are used and afterwards the nodes are meshed with the MASS21 element in order to define 
the six degrees of freedom.     

As stated above the interface points have to be positioned where the force would be applied. 
That means in the pin centers, in place of mounting of the pulley with the torsional damper 
and of course in place of the flywheel attachment as well. Overall 8 interface points will be 
carried over to ADAMS.  

 

3.6 COMPARATIVE MODAL ANALYSIS 

After adding the interface points it seems reasonable to check the finite element model, 
whether or not the constraints affected the solution. The easiest way is to compare the free 
vibration frequencies before and after the adjustment. 

Table 9   Comparison of the free vibration frequencies 

Mode Number 
[-] 

Without IP 
[Hz] 

With IP 
[Hz] 

Difference 
[%] 

1 140,92 141,44 0,37 

2 161,64 162,45 0,50 

3 352,42 353,88 0,41 

4 400,44 402,37 0,48 

5 444,88 446,58 0,38 

6 533,11 537,33 0,79 

7 632,89 635,27 0,38 

8 703,92 706,39 0,35 

9 875,76 881,53 0,66 

10 980,91 985,67 0,49 

11 1024,1 1030,1 0,59 

12 1282,8 1288,7 0,46 

13 1335,4 1343,5 0,61 

14 1430,5 1439,3 0,62 

15 1521,9 1533,3 0,75 

16 1530,6 1538,7 0,53 

17 1676,0 1687,0 0,66 

18 1697,8 1710,2 0,73 
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Comparison of the inherent frequencies of the adjusted and non-adjusted finite element model 
is a very important step especially if the element BEAM4 is used. Improperly set real 
constants of the element can jeopardize the output relevancy. In case of using the constraint 
element there is a danger of excessive stiffening of the crankshaft in places of interface point 
attachments, also the MASS21 elements bring to the model redundant inertias, although 
negligible.  

As noted above, two modal analyses have to be performed, first just before creating the 
interface points and second right after. In the table 9 can be seen differences between the 
inherent frequencies. Considering, the difference in frequencies of the two performed modal 
analyses varies around 0,5 % on average, it is all right to assume that the impact on the 
solution is insignificant and the finite element model of the crankshaft seems to be ready for 
export to ADAMS.  

 

3.7 EXPORT TO MODAL NEUTRAL FILE  

For export of flexible bodies to ADAMS is used the modal neutral file (*.mnf). The algorithm 
to a generation of the modal neutral file takes advantage of a formulation called component 
mode synthesis, which is based on the modal analysis. ADAMS uses the approach of Craig 
Bampton with some slight modifications. Due to its nature only linear properties are 
considered during the formation of the modal neutral file. All geometric and physical 
nonlinearities are ignored. If significant nonlinear effects are present in the component, then it 
must be divided into several smaller components and transferred each one separately and 

Fig. 31   First torsional inherent shape of the crankshaft (537 Hz) 
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consequently assembled again in ADAMS interface. The modal neutral file contains header 
information as date, version or units, then body properties, reduced stiffness and mass 
matrices, interface normal modes and finally interface constraint modes [8]. 

ANSYS uses a command macro called ADAMS.MAC to generate the modal neutral file. 
After an activation of the function, the interface points must be chosen. Since one interface 
point gives rise to 6 degrees of freedom, too many points may cause files to be very large. The 
next step is a modification of the unit system because these programs use different sets of 
units. The dialog box also asks user for number of modes to extract, whether or not the 
program should write stress and strain results, and for shell element specification if present as 
well. 

As mentioned above, the modal neutral file can be very large. Thus, it is appropriate to use 
add-on ADAMS/Flex to reduce its size. For example the modal neutral file of the crankshaft 
has size of 458 MB.             
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4 CRANKSHAFT ANALYSIS IN ADAMS/ENGINE  
Finite element analysis suits beautifully the studies of linear vibration or transient dynamics, 
but it shows to be inefficient when it comes to the large rotations and other highly nonlinear 
motion of full mechanical systems. On the other hand, the multi-body system Adams 
incorporates real physics by simultaneously solving equations for kinematics, statics, quasi-
statics, and dynamics [9]. Merging advantages of the two solvers seems to be the best possible 
way to achieve accurate and no time consuming solution. 

Adams/Engine as a part of the MD Adams suite of software allows creating and analyzing 
virtual prototypes of engine subsystems as cranktrains, valvetrains or timing mechanisms. 
These subsystems are based on templates which are both standard and user-defined. Meaning 
that the user can adjust a template from the Adams/Engine library or build his a very own 
template afresh. To perform the analysis, the subsystems are put in an assembly and mounted 
on a test rig. The analysis results can be inspected later in Adams/PostProcessor. A very quick 
component verification makes from Adams/Engine a perfect engineering tool, which reduces 
costs and testing time of research and development of the engine subsystems compare to the 
traditional “build and test” approach. 

General parts used in Adams/Engine are rigid and defined by their location, orientation, mass, 
inertia, and center of gravity. However, it is enabled to replace these parts by flexible bodies, 
named modal neutral files (*.mnf), made in a finite element program. Adams/Engine uses for 
modeling flexible bodies a method called modal flexibility which assigns a set of mode 
shapes (eigenvectors) to a flexible body. The principle of linear superposition is then used to 
combine the mode shapes at each time step to reproduce the total deformation of the flexible 
body. This method can be very useful in problems that are characterized by high elasticity and 
moderate deflections [10].  

Previously in this master’s thesis was described a creation of the inline 6-cylinder engine 
crankshaft and, afterwards, its finite element model in ANSYS was made. Now, it is time to 
import this flexible crankshaft to the Adams/Engine interface, to run relevant analyses with 
special interest in modal properties of the cranktrain and eventually to compare it with the 
analytical solution.  

Firstly in Adams/Engine a template of the inline 6-cylinder engine has to be made and the 
flexible crankshaft imported. Then analyses are performed and examined in 
Adams/PostProcessor to extract modal properties of the cranktrain. All of these steps are 
covered in the further text.     

 

4.1 CREATING ADAMS/ENGINE TEMPLATE 

Adams/Engine basically has two interface modes: The Standard Interface which is used to 
adjusting and analyzing of the existing templates, and the Template Builder serving for 
creating new templates or defining the topology of the system, such as cranktrain in an 
engine.  

Since the Adams/Engine library does not include default topology for an inline 6-cylinder 
engine, the work has to start in the Template Builder by creating a new template, afterwards, 
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in the Standard Interface the default rigid crankshaft is replaced by a flexible finite element 
crankshaft model exported from ANSYS.        

 

4.1.1 INPUT COMMUNICATORS AND CONSTRUCTION FRAME 

Communicators enable in the template-based products the exchange of information between 
subsystems, templates, and the test rig in the assembly. Because data are transferred to and 
from the components, there obviously must be input and output communicators.  

In the start of generating the template, two types of input communicators are created: of 
location, and of orientation. If in any other template to be assembled with the cranktrain, such 
as a vehicle template form Adams/Car, the output communicator with the matching name is 
defined, the orientation of the cranktrain subsystem in an assembly becomes dependent on 
this very output communicator.          

To ensure a valid orientation of the entire cranktrain subsystem in the assembly, even without 
matching orientation output communicator, the global reference system must be transformed 
to be that of the cranktrain reference system. This is done by creating a cranktrain reference 
construction frame with the x-axis pointing up and the z-axis parallel and co-directed with the 
crankshaft clockwise rotation axis. Construction frames represent both location and 
orientation information. [10]. The crankshaft thus rotates about an axis perpendicular to the 
vertical axis instead about the vertical axis itself.  

Later, while creating the cranktrain template, another input communicators and construction 
frames for individual parts have to be created as well as additional components providing 
communication between the template and test rigs or other subsystems. This is done either 
manually or by using the cranktrain wizard. However, the input communicators and 
construction frame mentioned above have to be created prior of anything else regardless 
which method of engine building is intended to use.   

 

4.1.2 ENGINE GLOBAL DATASET 

Engine global dataset describes main properties and dimensions of the engine, such as number 
of cylinders, bore diameter or stroke, but also bank, cylinder and crank layout. From this 
dataset is also driven most of engine parts dimensions.  

According to this dataset Adams/Engine creates an engine global element with a set of 
construction frames for all the necessary parts of the engine and all construction frames are 
parametrically dependent on entries in the global data element. Modifying the entries causes 
automatic relocation and reorientation of all the frames [10].  

Engine global dataset can be modified, later on, in the standard interface. However, range of 
the modifications is slightly limited. In figure 33 can be seen the engine global dataset of the 
inline 6-cylinder engine with the expanded crank layout dialog box in which is possible to 
change the diameters and lengths of individual main and crank pins or even the main bearing 
positions.    
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4.1.3 CRANKTRAIN PARTS 

The respective parts of cranktrain can be created either manually or by the cranktrain wizard. 
In most cases is using of the cranktrain wizard an easy and fast way to create a basic template, 
while later modifications are done in the standard interface. However, it is recommended to 
build the cranktrain manually, the engine components are generated consecutively including 
their topological connections, so the user can understand better how the components are 
attached.  

Fig. 32   The engine global dataset

Fig. 33   The cranktrain wizard dialog box
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Both ways lead to creation of: 

• engine block 
• crankshaft 
• flywheel 
• torsional damper 
• con rods 
• pistons and piston pins 
• bearings 
• piston liner connectors 
• crank angle sensor 
• gas forces 
• engine mounts 
• test rig and subsystem communicators 

Figure 35 shows a new cranktrain template of the inline 6-cylinder engine. The engine block 
is hidden. 

Table 10 summarizes parameters of the given inline 6-cylinder cranktrain. As mentioned in 
start of this master’s thesis, the main dimensions are identical with dimensions of the Zetor 

Fig. 34    The inline 6-cylinder engine template in the Adams/Engine interface 
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inline 4-cylinder diesel engine. The engine topology was modified according these values and 
consequently a stedy state-analysis was performed. 

Table 10   Given parameters of the engine topology 

Bore Diameter D [mm] 105 

Stroke Z [mm] 120 

Number of Cylinders ic [-] 6 

Axial Cylinder Distance h [mm] 136 

Main Crank Pin Diameter / Length dmj / lmj [mm] 88 / 44 

Crank Pin Diameter / Length dcj / lcj [mm] 66 / 40 

Effective Con Rod Length lc [mm] 215 

Piston Pin Diameter / Length/ Inner Diameter dpp / lpp /dppi [mm] 40 / 88 / 21 

Piston Boss Spacing hpbs [mm] 43,5 

Piston Height hp [mm] 122,2 

Compression Height of Piston hc [mm] 70,4 

Weight of Piston Assembly mpa [kg] 1,44 

Piston Pin Weight  mpp [kg] 0,61 

Con Rod Weight mcr [kg] 2,55 

Flywheel Weight mflw [kg] 37,3 

Mass Ring Weight  mmr [kg] 5,0 

Pulley Weight mpull [kg] 6,74 

Oil Type - [-] 15W-40 

Gas Forces - [-] From File 

    

 

4.2 CRANKSHAFT REPLACING 

The engine crankshaft consists of several parts, as main pins, crank pins, webs and end shafts 
to connect the accessories. In Adams/Engine are these parts represented by letters “m”, “c”, 
“w” and “s” respectively and their dimensions are driven parametrically by the property files 
and by the engine global dataset. To cover all engineers’ requests on the crankshaft output 
data, Adam/Engine enables replacing of the default rigid crankshaft by a torsional flexible 
crankshaft, a beam crankshaft or a fully flexible crankshaft.     
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4.2.1 RIGID CRANKSHAFT 

The default option for crankshaft type in Adams/Engine is a rigid crankshaft which does not 
allow rotating the individual crankthrows relatively to each other. This type of crankshaft is 
suitable for basic verifying analysis of the cranktrain kinematics and dynamics. The only 
properties defining it are dimensions, inertias, centers of gravity and masses of individual 
parts [10].        

 

4.2.2 TORSIONAL FLEXIBLE CRANKSHAFT 

A torsional flexible crankshaft enables the relative rotation of the crankthrows, therefore, it is 
possible to inspect torsional vibration. Unlike a rigid crankshaft it includes a constraint 
allowing this rotation, the user then defines torsional stiffness and damping between the parts.  

The torsional flexible crankshaft type outputs both torsion torque (and stress) and torsion 
angles on left and right side of the throw.    

 

4.2.3 BEAM CRANKSHAFT 

A more advanced type of crankshaft in Adams/Engine is represented by a beam crankshaft 
what basically is a substitution of the crankshaft by beams with torsional and bending 
properties.    

Fig. 35   The torsional crankshaft throw (10)

Fig. 36   Beam schema for an inline engine throw (10) 
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Except all the outputs which are provided by previous types, is also available bending torque 
(and stress) on webs, bending stress on crank pin and shear stress on both webs and crank pin. 

 

4.2.4 FLEXIBLE CRANKSHAFT 

The most realistic crankshaft substitution is a finite element flexible crankshaft imported to 
into Adams/Engine using the modal neutral file. 

The modal neutral file carries body properties, reduced stiffness and mass matrices, interface 
normal modes and also interface normal modes. Unlike the others, the flexible crankshaft 
does not depend on the engine global dataset and cannot be modified by the user in the 
Adams/Engine interface.  

The flexible crankshaft is substituted while adjusting the engine topology in the standard 
interface. The interface points can be defined by entering their IDs, by entering their location 
or Adams/Engine can assign them itself.  

In next step would be a good idea to replace constrained bearings with hydrodynamic bearing 
that are compatible with flexible components [10]. After the whole subsystem is assembled 
with an adjusted built-in test rig, the analysis can be performed.    

Fig. 37   The inline 6-cylinder engine topology with a flexible crankshaft 
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4.3 ANALYSES IN ADAMS/ENGINE 

Once the engine topology is properly set and assembled with a test rig, it is possible to 
analyze the cranktrain and the Adams/Engine interface offers several options how to do so. 
The user can choose a steady-state analysis, a RPM-sweep analysis or so called crank-concept 
analysis. 

 

4.3.1 CRANK CONCEPT ANALYSIS 

The crank concept analysis is basically a torsion vibrating analysis of the cranktrain system in 
the frequency domain and can be performed only if the crankshaft is of type ‘torsional’.  

Performing of a torsion vibrating analysis, based on the Hafner-Maass method, requires for 
modeling steps to be done. First, the inertia of each crankshaft component must be calculated 
and mapped to the reduced set of inertias in the torsion-model. Then stiffness and damping 
values for each of the coupled inertias must be specified as well as the damping factors of the 
each inertia to ground. Finally, the exciting moments that will drive the system are needed 
[10].  

The crank concept analysis of the cranktrain system in Adams/Engine was not performed by 
the author because of missing data for proper setting of the torsion-model. The needed data 
are usually gained from experimental analyses.  

 

4.3.2 RPM SWEEP ANALYSIS 

The RPM sweep analysis enables to analyze the cranktrain in a RPM range set by the user. He 
also adjusts number of steps, number of cycles, the direction of rotation, parameters of 
transient phase and many more …     

It is available to request a linear analysis. This transforms non-linear motion equations to 
linear equations. So the inherent shapes of the crankshaft and free vibration frequencies can 
be obtained. 

The RPM-sweep analysis was not performed in this master’s thesis as well.  

 

Fig. 38  The inline 6-cylinder torsion model for a crank concept analysis 



BRNO 2011 

 

55 
 

CRANKSHAFT ANALYSIS IN ADAMS/ENGINE 

4.3.3 STEADY-STATE ANALYSIS 

This analysis is very similar to the RPM analysis. However, the user, instead of the RPM 
range which the solver passes through, chooses discrete RPM values and at these is the 
analysis processed.   

Like the RPM analysis, the steady-state analysis enables to perform a linear analysis in order 
to get modal properties of the cranktrain.  

After the analysis is successfully finished, the gained solution has to be inspected. To do so 
serves the Adams/PostProcessor module which enables easy browsing through data, plotting 
graphs and many more. Since the modal properties the cranktrain are objects of interest in this 
thesis, linear modes will be examine closely.  

Table 11  Natural frequencies of the cranktrain gained from Adams/Engine 

Mode 
Number 

Natural Frequency
[Hz] 

Mode 
Number 

Natural Frequency 
[Hz] 

1 167 5 318 

2 178 6 326 

3 240 7 600 

4 264 8 680 

 

Fig. 39   Steady-state analysis setup
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Table 12   Critical speeds of the 1st natural frequency 

κ [-] n1res [min-1] κ [-] n1res [min-1] κ [-] n1res [min-1] κ [-] n1res [min-1] 

0,5 19919 3,5 2846 6,5 1532 9,5 1048 

1 9959 4 2490 7 1423 10 996 

1,5 6640 4,5 2213 7,5 1328 10,5 949 

2 4980 5 1992 8 1245 11 905 

2,5 3984 5,5 1811 8,5 1172 11,5 866 

3 3320 6 1660 9 1107 12 830 

Fig. 40   Inherent shapes of the 1st natural frequency (166 Hz) 
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Table 13   Critical speeds of the 2nd natural frequency 

κ [-] n2res [min-1] κ [-] n2res [min-1] κ [-] n2res [min-1] κ [-] n2res [min-1] 

0,5 21311 3,5 3044 6,5 1639 9,5 1122 

1 10656 4 2664 7 1522 10 1066 

1,5 7104 4,5 2368 7,5 1421 10,5 1015 

2 5328 5 2131 8 1332 11 969 

2,5 4262 5,5 1937 8,5 1254 11,5 927 

3 3552 6 1776 9 1184 12 888 

Fig. 41   Inherent shapes of the 2nd natural frequency (178 Hz) 
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Table 14   Critical speeds of the 3rd natural frequency 

κ [-] n3res [min-1] κ [-] n3res [min-1] κ [-] n3res [min-1] κ [-] n3res [min-1] 

0,5 28793 3,5 4113 6,5 2215 9,5 1515 

1 14396 4 3599 7 2057 10 1440 

1,5 9598 4,5 3199 7,5 1920 10,5 1371 

2 7198 5 2879 8 1800 11 1309 

2,5 5759 5,5 2618 8,5 1694 11,5 1252 

3 4799 6 2399 9 1600 12 1200 

Fig. 42   Inherent shapes of the 3rd natural frequency (240 Hz) 
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Table 15   Critical speeds of the 4th natural frequency 

κ [-] n4res [min-1] κ [-] n4res [min-1] κ [-] n4res [min-1] κ [-] n4res [min-1] 

0,5 31637 3,5 4520 6,5 2434 9,5 1665 

1 15819 4 3955 7 2260 10 1582 

1,5 10546 4,5 3515 7,5 2109 10,5 1507 

2 7909 5 3164 8 1977 11 1438 

2,5 6327 5,5 2876 8,5 1861 11,5 1376 

3 5273 6 2636 9 1758 12 1318 

Fig. 43   Inherent shapes of the 4th natural frequency (264 Hz) 
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Table 16   Critical speeds of the 5th natural frequency 

κ [-] n5res [min-1] κ [-] n5res [min-1] κ [-] n5res [min-1] κ [-] n5res [min-1] 

0,5 38148 3,5 5450 6,5 2934 9,5 2008 

1 19074 4 4768 7 2725 10 1907 

1,5 12716 4,5 4239 7,5 2543 10,5 1817 

2 9537 5 3815 8 2384 11 1734 

2,5 7630 5,5 3468 8,5 2244 11,5 1659 

3 6358 6 3179 9 2119 12 1589 

 

Fig. 44   Inherent shapes of the 5th natural frequency (318 Hz) 
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Table 17   Critical speeds of the 6th natural frequency 

κ [-] n6res [min-1] κ [-] n6res [min-1] κ [-] n6res [min-1] κ [-] n6res [min-1] 

0,5 39145 3,5 5592 6,5 3011 9,5 2060 

1 19573 4 4893 7 2796 10 1957 

1,5 13048 4,5 4349 7,5 2610 10,5 1864 

2 9786 5 3915 8 2447 11 1779 

2,5 7829 5,5 3559 8,5 2303 11,5 1702 

3 6524 6 3262 9 2175 12 1631 

 

Fig. 45   Inherent shapes of the 6th natural frequency (326 Hz) 
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5 RESULTS INTERPRETATION  
Once all the analysis data are available, the comparison between the analytical approach and 
the linear analysis in Adams/Engine has to be done. 

While the analytical method solves the substitutional torsional system, the output is a number 
of natural frequencies of torsional vibration. However, the linear analysis in the multi-body 
system based on the principle of linear superposition yields complex inherent shapes and 
frequencies. From this, it is obvious that to compare only the torsional natural frequencies 
should be used.  

Table 18   Adams/Engine vs. Analytical Approach comparison 

Solving Method 
1st Natural Frequency 

(torsional) 
2nd Natural Frequency 

(torsional) 

Analytical Approach 201 Hz 314 Hz 

Linear Analysis in Adams/Engine 240 Hz 264 Hz 

 
From the inherent shapes in Adams/Engine can be easily determined the 3rd natural frequency 
as the 1st torsional shape, although the second one is not clear. It could be the 4th inherent 
shape which obviously has lot of torsion movement in it, but need to say that there is lot of 
bending as well. 

The linear analysis also shows that before the first torsional shape other 2 inherent shapes 
occur. These shapes have lot of bending in them and nodes of their elastic lines are placed 
near the flywheel in place of the 7th main bearing which is also a thrust bearing.  

Figures of the inherent shapes of the cranktrain show the deformation of the engine crankshaft 
by natural frequencies and in tables below these figures can be seen critical speeds of the 
natural frequencies. Speeds shaded in grey, interfere with the engine operational range. By the 
inline 6-cylinder engine are the main harmonic orders of natural frequencies κ = 3, 6, 9, 12… 
and particularly to these, must be paid attention because by them the maximum resonance 
occurs. 

All of the depicted frequencies interfere with an operational range in such a matter that they 
cover 9th and 12th orders of harmonic components. First two natural frequencies interfere even 
with the 6th order.   

The natural frequencies, higher than the 6th natural frequency, do not extend to the operational 
range with any of their critical speeds up to 12th order. 
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CONCLUSIONS 
The intention of the master’s thesis was to create a flexible crankshaft of the inline 6-cylinder 
diesel engine and to import it to a multi-body system where the analysis regarding the modal 
properties of the cranktrain could be performed.  

In the first part of the thesis, author introduced the engine dynamics and then designed the 
crankshaft itself. Firstly, the detailed model was done, from this model the production 
drawings could be generated or it could be used for the stress analysis. However, for purposes 
of the modal analysis are excessive details irrelevant and unnecessarily enlarge solution time. 
Therefore, in next step the details were reduced and the crankshaft design optimized for the 
import into ANSYS. 

In the next part were described the crankshaft vibrations and the torsional vibration using the 
equivalent crankshaft system was inspected. Author in the analytical approach assumed that 
the crankshaft is equipped with an original torsional damper. However, in Appendix 3 was 
covered also a possibility without a damper. This calculation confirmed that the torsional 
damper is for the inline 6-cylinder cranktrain crucial and omitting the damper would have 
fatal consequences.  

For preparation of the finite element model was chosen software ANSYS. The crankshaft was 
divided into smaller parts and then meshed with SOLID186 and SOLID187 elements. Due to 
demands of the multi-body system Adams/Engine, interface points in respective positions 
were created. To link the interface points to the finite element structure, author of the thesis 
chose the MPC184 constraint elements instead of formerly used BEAM4 elements. The 
comparative modal analysis proved that the finite element model is not significantly 
influenced by the additional constraint points. The difference in natural frequencies varied 
around 0,5 % on average. Work in ANSYS ended by exporting of the crankshaft to the modal 
neutral file. 

As mentioned above, the multi-body system used for the linear analysis of the cranktrain was 
Adams/Engine distributed by MSC Software. At the start, the engine topology of the inline 6-
cylinder engine was created using the template builder interface. The parameters of the engine 
were set according to the inline 4-cylinder engine as well as indicated pressures. 
Consequently, the rigid crankshaft was replaced by the flexible crankshaft exported from 
ANSYS.  

The final part of the thesis was dedicated to the linear analysis and to the obtained results. All 
inherent shapes of the natural frequencies interfering with the operational range of engine 
were displayed and critical speeds of these frequencies were listed in tables. 

It was found that to the operational range extend 6 natural frequencies. All of them cover 9th 
and 12th orders of harmonic components and two of them, the lowest, interfere even with the 
6th order. The first torsional inherent shape occurs at 240 Hz, in an analytical solution it was 
201 Hz, the difference is caused by simplifications and assumptions of the analytical 
approach. The natural frequencies, higher than the 6th natural frequency (326 Hz), do not 
extend to the operational range with any of their critical speeds up to 12th order. 

Results of the analysis in Adams/Engine could be exported back to ANSYS, FEMAP or other 
similar software for further stress analysis. Further development of this master’s thesis, author 
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sees in adding other flexible parts to the engine topology which would refine values of the 
gained natural frequencies.  

What the crankshaft design itself concerns, would be possible to perform the stress analysis to 
gain fatigue strength of the crankshaft. Afterwards, should follow manufacturing of the 
crankshaft and experimental measurements on the running engine. 
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LIST OF SYMBOLS AND ABBREVIATIONS 

a [-] relative amplitude 

ap [m.s-2] piston acceleration 

bweb [m] width of web 

c [N.m.rad-1] torsional stiffness 

D [mm] bore diameter 

dcj [mm] crank pin diameter 

dflyw [m] diameter of the bolt circle on the flange 

dmj [mm] main crank pin diameter 

dpp [mm] piston pin diameter 

dppi [mm] piston pin inner diameter 

dpull [m] diameter of the pulley pin 

Dred [m] diameter of reduced shaft 

drel [m] diameter of relieving hole 

Ds [m] diameter of shaft 

ecw [m] eccentricity of counterweights 

Em [Pa] Young’s modulus 

Er [J] kinetic energy of rotating component 

Fc [N] force transmitted through con rod 

Fcent [N] centrifugal force 

Fcs [N] reciprocating inertia force 

Fp [N] primary force 

Fr [N] radial component of force transmitted through con rod 

Frc [N] radial force acting on crank pin journal 

Fro [N] centrifugal force of crank throw 

Ft [N] tangential component of force transmitted through con rod 

Gm [Pa] shear modulus 

h [mm] axial cylinder distance 

hc [mm] compression height of piston 

hp [mm] piston height 

hpbs [mm] piston boss spacing 

I [kg.m2] moment of inertia 

ic [-] number of cylinders 



BRNO 2011 

 

67 
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Ic [kg.m2] moment of inertia of the cross-section 

Idamp [g.m2] moment of inertia of damper 

Iend fr [kg.m2] moment of inertia of the front end 

Iend rr [kg.m2] moment of inertia of the rear end 

Iflyw [kg.m2] moment of inertia of the flywheel 

Ip [m4] polar moment  

Ip red [kg.m2] moment of inertia of the reduced cross-section 

Ipull [kg.m2] moment of inertia of the pulley 

Irec [kg.m2] moment of inertia of reciprocating mass 

Irot [kg.m2] moment of inertia of rotational mass 

Ithrow [kg.m2] moment of inertia of crank throw 

j [-] imaginary unit 

k [-] number of the connecting shaft, integer number 

l [m] length of shaft 

lc [mm] effective con rod length 

lcj [mm] crank pin length 

lcj [m] length of crank pin 

lend fr red [m] reduced length of the front end 

lend rr red [m] reduced length of the rear end 

lflyw [m] length of the flywheel flange 

lk [m] length of the respective shaft element 

lmj [mm] main crank pin length 

lmj [m] length of main crank pin 

lpp [mm] piston pin length 

lpull [m] length of the pulley pin 

lred [m] reduced length of shaft 

lthrow red [m] reduced length of crank throw 

lweb [m] length of web 

Ma [N.m] torque amplitude of harmonic component 

mcr [kg] con rod weight 

mcrec [kg] con rod reciprocating mass component 

mcrot [kg] con rod rotating mass component 

mcw [kg] counterweight 
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mdamp [kg] mass ring weight 

mflw [kg] flywheel weight 

mmr [kg] mass ring weight 

mpa [kg] piston assembly weight 

mpp [kg] piston pin weight 

mpull [kg] pulley weight 

Ms [N.m] fluctuating in shaft section  

Mt [N.m] torque 

Mtcj [N.m] torque on crank journal 

Mti [N.m] discrete torque value of sample 

Mtmj [N.m] torque on main journal  

N [Hz] natural frequency 

nn [min-1] nominal speed 

nres [Hz] critical speed 

ns [-] number of discrete samples 

p [Pa] indicated pressure 

patm [Pa] atmospheric pressure 

r [m] crank radius 

R4 [N] reaction force in the 4th bearing 

R4cw [N] reaction force in the 4th bearing after adding counterweights 

sp [m] piston position 

V [cm3] engine displacement 

vp [m.s-1] piston speed 

w [s-1] eigenvalue 

Wτcj [m3] section modulus of crank pin in torsion 

Z [mm] stroke 

α [°] angle of crankshaft rotation 

β [-] con rod declination angle 

γ [-] relative loss 

δ [°] angle of crankshaft rotation between firings 

ε [-] resonance yield 

εc [-] compression ratio 

ηred [%] reduction 
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κ [-] harmonic order 

κm [-] main harmonic order 

λ [-] crank/rod ratio 

ξ [N.m.s.rad-1] coefficient of damping resistance 

ξdamp [N.m.s.rad-1] coefficient of damping resistance of the damper 

τk [Pa] additional stress in resonance 

φ [°] amplitude of angular deviation 

ψ [°] angular shift 

ω [s-1] angular speed 

Ω [rad.s-1] free angular speed 

Ωdamp [Hz] inherent frequency of the damper 
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